Designing twin-screw compressors to safely operate at higher than normal temperatures poses a challenge as the compressor must accommodate larger peak thermal distortions while maintaining efficiency at nominal operating conditions. This paper will present a case study of an oil-injected compressor tested at elevated discharge temperatures with original and revised clearances. A procedure is presented to use boundary conditions derived from a chamber model to approximate component temperature distributions that are then used to predict possible thermal distortions and the resulting effect on clearance gaps. The original and revised clearance designs are evaluated and performance penalties incurred due to the modifications are discussed.
Introduction
End users of twin-screw compressors occasionally demand reliable compressor operation over a greater operating range than the original design envelope. If, for example, the allowable cooling oil temperature can be increased, this can reduce the cooling requirements and the overall plant cost. This poses a challenge as the compressor design needs to accommodate higher peak operating temperatures while maintaining efficiency at nominal operating conditions.
In one sense, the clearances in oil-injected machines are easier to manage than in oil-free machines as temperatures are usually kept within much lower limits; however, the lack of timing gears and the direct rotor-to-rotor contact does add more complexity to clearance analysis. Rotor contact is of course necessary for one rotor to drive the other; the objective is to control precisely where it is possible for contact to occur. Best practice for direct drive clearance design ensures only rolling contact at the pitch radius of each rotor as presented by Stosic et al. 1 Deviations from nominal design clearances, whether due to manufacturing and assembly variations or due to operational distortions can result in a shift in the relative rotation between the main and gate rotors:
2 this further distorts the interlobe clearance distribution and must be considered in clearance evaluation for direct drive, oil-injected compressors.
This paper will present a case study of an oilinjected compressor that was tested at elevated discharge temperatures. A novel procedure is presented to estimate local clearance distortions by applying boundary conditions derived from a non-dimensional chamber model. A key stage in this procedure is the creation of a 'Rotor Boundary Map,' which is unique for any given profile. The Rotor Boundary Map allows rotor-to-rotor and rotor-tocasing boundaries to be visualised on a single 2D map, which allows the interaction between various compression chambers to be investigated.
Time varying boundary conditions from the chamber model are mapped onto rotor and casing surfaces. The fluid boundary temperatures are time-averaged then used to estimate the local rotor and casing temperatures. Rather than apply these boundary conditions to finite element analysis, 3 the thermal and clearance analysis takes a more direct analytical approach that requires some carefully considered assumptions. Heat transfer assumptions that represent the extreme case for component temperature distributions are presented. This is then used to predict possible thermal distortions and the resulting affect on clearance gaps.
Mapping fluid properties
Coordinate system Figure 1 shows a representation of the casing bores and rotor axes for a twin-screw machine. The global coordinate system, S(X,Y,Z), is located on the main rotor axis and the high-pressure (HP) plane. Two additional coordinate systems, S 1 (x 1 ,y 1 ,z 1 ) and S 2 (x 2 ,y 2 ,z 2 ) have been located on the low-pressure (LP) plane on the main and gate rotor axes respectively. This convention can be applied to any screw compressor or expander providing the helix on the main rotor is left handed.
With the cylindrical form of the rotor bores and the rotational movement of the rotors it is convenient to define points using a cylindrical coordinate system located at the origins S 1 and S 2 . In the standard convention for a polar coordinate system, (r,,z), the angle is measured counter-clockwise from the x-axis and z is in the direction already defined. To simplify later equations it is preferable to define less conventional angle parameters that are aligned with the direction of rotation for each respective rotor. In addition, it is easier to use an axial length parameter that is aligned from the compressor inlet to outlet. Parameters r, and l have been defined on each coordinate system S 1 and S 2 as shown in Figure 1 . r is the local radius, is the angle measured in the same direction that the rotors rotate and l is a measure of the axial position from compressor inlet. The length, l, can alternatively be defined by using an angular parameter, ; this describes the local wrap angle measured from the compressor inlet. For the case of rotors with constant pitch helix the relationship is as shown in equation (1) where ' w1 is the main rotor wrap angle over the rotor length, L. Using equation (2) , an arbitrary point, P 1 , on the main rotor or bore can be described on the global Cartesian compressor system S(X,Y,Z); similarly using equation (3) for a point, P 2 , on the gate rotor or bore.
Rotor surfaces
Each rotor surface is replaced by a 2D surface, represented by a 2D array. The transformation between the 3D spatial domain of a rotor surface and the 2D surface computational domain is done by utilising the coordinate systems and parameters explained. The full 3D surface of the rotors in Figure 1 . Coordinate systems and cylindrical parameters. Figure 2 can be derived using the transverse rotor coordinates that are extruded along a helical path. These rotor coordinates are defined on the coordinate system: S 01 (x 01 ,y 01 ); which is fixed to the main rotor as illustrated in Figure 3 . The main rotor is only partially constrained to coordinate system S 1 (x 1 ,y 1 ,z 1 ) as it can freely rotate about its axis, z 1 . An instantaneous point on this rotor surface could be represented globally using (X,Y,Z); or local to the respective rotor bore on origin S 1 using (x 1 ,y 1 ,z 1 ) or with parameters (r 1 , 1 , 1 ). The advantage of using the latter is that parameters, 1 and r 1 are constant; however, the angle, 1 , is affected by the rotational position of the rotor.
An array has been defined to identify a surface location on a single main rotor ridge; or in the case of the gate rotor, the corresponding flute. This array can be thought of as the surface produced by straightening out the rotor helix and flattening the resulting surface to form a rectangle. The parameter represents the axial position along the rotors and the parameter " represents the position around the contour of the transverse profile.
In Figure 3 the length of a curve, s 1 , between points A and B can be described using equation (4) . The parameter, ", is defined as the relative position along the line, s, of the transverse rotor profile curve such that " varies: 0 4 " 4 1. This is defined separately for the main and gate rotor segments. This allows any location on the rotor surface to be presented two dimensionally and independently of rotation. Each of the points on the coordinate systems S 01 (x 01 ,y 01 ) and S 02 (x 02 ,y 02 ) can be described using the corresponding polar coordinates (r 01 ,' 01 ) and (r 02 ,' 02 ). These points are transverse profile constants that have a unique value for every surface position described by " 1 or " 2 .
Cycle conventions 
Equations (5) and (6) define the relationship between the angular position of a point on the rotor surface, , and the compression cycle angle, . The cycle angle is defined as ¼ 0 when the volume of a reference compression chamber is zero, prior to filling. This measures the offset of the main rotor from that point; as such the cycle angle, , defines how the geometry will change with time. The parameter 1, used here to describe to the axial position on both rotors, offsets the angle to correct for the rotor helix. Since and 1 are referenced to the main rotor, the equation for the gate rotor contains a correction for the gear ratio. The angles ' 01 and ' 02 are from the polar coordinates that describe a given point on the transverse profile measured with respect to the coordinate system fixed to the rotors: S 01 and S 02 , as shown in Figure 4 . Offset angles are required to rotate the rotors to the cycle start position, when ¼ 0. The offset angles ' 1s and ' 2s are constants for the main and gate rotors respectively. The offset is defined by the angle offset of coordinate system S 01 , relative to S 1 , as shown in Figure 4 .
Rotor boundary map
On the rotor surfaces, the chamber boundaries are defined by the rotor to casing (radial sealing lines) and the rotor to rotor (interlobe sealing line). Figure 5 shows a transverse cross section of the compressor. For most of the chambers in this cross section, the entire rotor flute (or interlobe area) is exposed to the same chamber which is separated from adjacent chambers by the radial rotor-to-casing sealing. During rotor-to-rotor contact up to three sealing points will be formed between the rotors. When this transverse section is extended to form the full 3D rotors these sealing points become complex 3D sealing lines.
The 'Rotor Boundary Map' shown in Figure 6 is simply a way of abstracting the 3D chamber sealing boundaries in order to show what boundaries points occur around one section of the transverse rotor surface from A (" 1 ¼ 0) to B (" 1 ¼ 1) for a given position of the transverse rotor profile. The position on the rotor surface, ", is plotted along the horizontal axis. The parameter, l, that describes the rotor position, is plotted along the vertical axis; this parameter is detailed in Figure 5 -note that the convention for this parameter is such that the forward rotation of the rotors increases the value of l.
The boundaries on this map are created by plotting the radial and interlobe sealing lines with respect to " and l. This shows at precisely what rotor position the different boundaries come into play. The rotor-torotor boundary for the interlobe sealing line is plotted onto the boundary map by setting the profile rotation parameter l to equal the profile meshing angle M . This meshing angle is calculated for any given point of the transverse profile using the profile curve and gradient. 1, 4 The rotor-to-casing boundary will always occur at the same position on the profile, i.e. at the tip of the rotor; resulting in vertical lines on the boundary map. The limits of this boundary depend on the interaction between the rotor tip and the casing. In Figure 6 , this boundary comes into effect when l < À' 1c or l > ' 1c ; where ' 1c is the angle to the casing cusp measured from the main rotor as defined in Figure 5 .
There will be a unique boundary map for the main and the gate rotors; the form of the boundaries depends only on the transverse rotor profiles. This presentation of the rotor boundaries provides a unique way of visualising and comparing the key geometrical properties of different profiles. One thing that can be seen from this boundary map is that the rotorto-rotor boundary does not meet the rotor-to-casing boundary. This discontinuity is typical of most practical rotor profile designs and results in what is known as the blow hole leakage path. In order to explicitly define the distinct compression chambers on this map it is necessary to introduce an artificial boundarythis was simply created by interpolating between the known boundary conditions as shown in Figure 6 . Four distinct quadrants, C 1 to C 4 , have now been identified that represent different compression 'chambers' on the boundary map. This allows the rotor boundary map to be used as a reference to identify cycle exposure on the rotor surface.
Cycle exposure on surfaces
The actual boundaries that define exposure to different compression chambers are constantly shifting in time as the rotors rotate. A procedure is needed to identify the location of the boundaries and the chamber exposure for any given cycle angle. Equations (5) and (6) can be re-arranged in order to calculate the parameter l as in equations (7) and (8). For a given cycle angle, the value of l varies when moving axially along the rotors due to the rotor helix, described by the parameter . In the case of the gate rotor described by the parameters in equation (8), l is referenced to the rotational position of the main rotor, similarly to the way the cycle angle is only referenced to the main rotor. In order to use the rotor chamber boundary map the offset should lie in the range: Àp < l < p. To ensure the parameter l is within this range a correction can be applied where n is an appropriate positive or negative integer as in equation (9).
For a known position of the rotor surface (", ), at a known cycle angle (), the value of l can now be calculated. Knowing the location on the relevant rotor boundary map (", l) it is possible to establish which chamber quadrant (C 1 , C 2, C 3 or C 4 ) the point lies in, this defines the 'chamber offset.' When interrogating a specific point on the rotor surface the required variable is actually the 'local cycle angle,'
local . This is distinct from the 'cycle angle' , which is effectively a 'reference cycle angle' because it only defines the cycle angle for a single 'reference compression chamber.' The cycle angle defines the position of the rotors while the local cycle angle local defines cycle exposure at a specific point on the rotor surface, in a specific compression chamber. Referring back to Figure 6 where the chamber offsets have been labelled on the rotor boundary map -chamber C 4 has been set as the reference chamber.
If any adjustment is made to l using equation (9) it is important to account for this using an additional term when calculating the local cycle angle. The general equation for calculation of the local cycle angle local for each chamber quadrant is given in equations (10) to (13). The number added to the subscript refers to the chamber quadrant on the rotor boundary map such that local_1 is the local cycle angle in quadrant C 1 .
In Figure 7 the local cycle angle, local , has been represented by colour contours. Areas that are the same colour can be easily identified as individual compression chambers. Remember that the procedure calculates the local cycle angle over a single rotor flute, as described by the surface in Figure 3 . In order to build up the full rotors the procedure was repeated after advancing the reference cycle angle for each lobe
Some of the tiles used to produce this plot suggest a transition region across the boundary; however, this is an artefact introduced by averaging across nodes that fall in different chambers. All computations are done at the nodal positions therefore the calculated values will only fall within the specified local cycle angles.
Thermal analysis of clearance distortions Fluid boundary temperature
The fluid temperature inside the compressor, assumed to be homogeneous throughout any given compression chamber, can be calculated with the use of well-established chamber models developed for twinscrew compressors. 5 This model approximates heat transfer from the compression fluid in the working chamber to the metal rotors and casing; however, this effect is small compared to heat transfer from the working fluid to the injected oil. This model does not use calculated temperatures to account for thermal distortions and as such the geometry of leakage areas are constant input parameters; a procedure to utilise the calculated fluid temperatures will now be discussed:
Once the local cycle angle is known at a given location on the rotor surface for a given cycle angle it is straightforward to map the corresponding instantaneous fluid properties from the chamber model onto the rotor surfaces. This instantaneous fluid boundary temperature can be described as a function of the position on the rotor surface and the cycle angle: T R1 (" 1 ,g,) . In equation (15), this temperature has been time averaged by integrating the temperature at each surface location over one full rotation of the rotor. In equation (16), the temperature over each transverse cross section of the surface has been averaged around the transverse profile. Once averaged in this way, the fluid boundary temperature for each respective rotor varies only with axial position along the rotors, described by the parameter .
A procedure for calculation of the instantaneous fluid temperature at a point on the surface of the casing bores (B 1 and B 2 ) can be applied similarly as for the rotors; in this case the chambers are only defined by the radial sealing boundary, greatly simplifying the procedure. The surface on the bore is described by the parameters and so the instantaneous fluid boundary temperature at each point on the bores can be described with the functions: T B1 (1,,) and T B2 (2,,). In order to time average the casing exposure, the limits of integration depend where the point is on the casing surface and covers a range defined by the distance between one lobe and the next: 2/z1. Equation (17) is used to time average the temperature at the main rotor bore B 1 . In equation (18) the temperature has been averaged over a transverse section of both bores B 1 and B 2 . The limits of integration are defined using the cusp angle for each bore, ' 1c and ' 2c , as previously defined in Figure 5 .
Heat transfer assumptions
The realism of thermal analysis depends on accurate representation of the compressor geometry as well as appropriate boundary conditions describing the compressor interactions with its surrounding. This generally requires the use of 3D numerical methods such as finite element method. More realism generally comes at the expense of more complexity with greater computational cost and time. Despite additional complexity, use of some assumptions or empirical factors is difficult to avoid. 6 The following procedure is not intended to calculate the actual local temperature on any given component, rather the average fluid boundary temperatures will be used to provide a good estimation of the maximum temperature that the compressor components can reach.
Conduction along the axial length of the rotors is neglected. This assumes there is no heat transfer from the hot end to the cold end of the rotor and no heat transfer along the rotor shafts to or from the bearings. A uniform temperature is assumed over the transverse section of each component. The component temperature is assumed to be the same as the average fluid boundary temperature defined in equations (16) and (18). These assumptions for peak temperature in the rotors and casing neglect heat flux along the rotors from the bearings; this can be significant at certain operating duties. 6 As long as the peak averaged fluid temperature is greater than or equal to the average oil temperature in the bearings then the current assumptions are fair.
Approximating thermal distortions
The change in the local interlobe gap is calculated using a 2D approach. Figure 8 shows the known location of a local sealing point under investigation. Thermal distortions are evaluated analytically for the: main rotor coordinates x 1 and y 1 ; gate rotor coordinates x 2 and y 2 ; and the distance between axes, A, corrected by the interpolation between the thermal growth of the casing at suction and discharge faces. The close up of the interlobe gap in Figure 8 shows the transverse clearance gap, G IT , and its components, G Ix and G Iy . The change in the gap is related to changes in the rotor and casing dimensions as described in equations (19) and (20). In equation (20), r 1w refers to the pitch radius, which is defined by the centre distance and gear ratio between the rotors. The first term in this equation simply changes the sign of the equation depending whether the local radius r 1 is greater or smaller that the pitch radius, r 1w . Equation (21) states approximations that allow further simplification of the analysis by eliminating the need to use the gate rotor dimensions. Once known, the transverse gap can be used to determine the normal gap.
Case study
Evidence of rotor contact
The compressor under investigation is a Howden WCVTA510/193/26; this is currently the largest Howden compressor with rotors just over 510 mm in diameter. In this case, the compressor has a built in volume ratio of 2.6. In addition to air testing at the contract pressure ratio and temperature this compressor was tested at an elevated discharge temperature by increasing the pressure ratio to 11 and then limiting injection oil cooling by increasing oil temperature and restricting flow. Due to the power restriction on the testing of this large compressor the speed was reduced from the contract speed of 1400 r/min to 750 r/min during this overload testing. After testing at up to a discharge temperature of 120 C (from suction at 20 C), tear down inspection revealed that rotor-torotor contact had occurred at the root of the main rotor as highlighted in Figure 9 .
The type of contact observed and the fact that this standard compressor had not presented any problems while operating within normal temperature limits points to thermal distortion of the rotors being the most likely cause of this rotor contact. Based on these test findings a revised interlobe clearance design was proposed. The revised clearance design was implemented on a different compressor at a later date and though teardown inspection revealed some localised rotor contact, related to the tip sealing strip, there was no contact over the main part of the root and the clearance modification was approved for further use. To better understand the clearance behaviour the procedure outlined in this paper was applied to predict component temperatures and thermal distortions.
Rotor and casing temperature
The overload air test condition, with a discharge temperature of 120 C, was simulated in the chamber model to determine how the temperature varied throughout the compression cycle for that particular duty. The fluid temperature from the modelled compression cycle was mapped onto the surfaces of the rotors and the casing bores using the presented procedure. Figure 10 shows the temperature of the fluid boundary on the main and gate rotor surfaces. The left image shows the instantaneous fluid temperature for a particular rotor position. In the right-hand image, these instantaneous temperatures have been averaged using equations (15) and (16). Figure 10 shows that the peak temperature occurs at the outlet plane of the rotors therefore the analysis will be based on the average fluid boundary temperatures at outlet; these are presented in Table 1 . When averaging the temperatures over a full rotation and across the full transverse cross section of each respective component, fluid temperatures at cooler parts of the compression cycle are used. This results in an average temperature that is much lower than the peak fluid discharge temperature of 120 C.
Clearances Figure 11 shows the magnitude of normal clearances mapped onto each of the rotors as vectors normal to the transverse rotor curve. This approach is very intuitive and clearly shows how clearances relate to difference areas on the rotor profiles; however, magnifying the vectors to show the clearance distribution in more detail quickly distorts the apparent clearance gap due to the curvature of the profiles. On the other hand, plotting local clearances on a linear axis such as the relative position on the sealing line makes it difficult to determine where the clearances actually occur on the rotors. Figure 12 shows the clearance distribution in an alternative form where the local clearances are plotted against a rack projection. Line PQ represents the conjugate rack, common to both rotors. The horizontal axis is the arc length of the rotor pitch circle (at radius r 1w on the main rotor or r 2w on the gate rotor); this is the axis along which the rack would translate. Vertical lines have been added along this axis to identify key points along the length of this sealing line projection, details of which are provided in Table 2 . The limits of this rack segment are the beginning and end of the sealing line for a single compression chamber, as previously highlighted in Figure 10 . The secondary axis shows the relative radius on the rack to give a better indication of where local clearances are located. In this way, the magnitude of the local clearances can be simply graphed against the somewhat familiar shape of the rack.
The original and revised clearance distributions are both shown in Figure 12 . In all cases the relative rotation between the rotors is adjusted in order to provide zero clearance at location 3: the pitch radius on the round side of the rotors. This is where the driving force is transferred from the main to the gate rotor.
In the revised clearance design, the main difference is that the clearance in the main rotor root has been increased and to a lesser extent also at the main rotor tip. Notice that the clearance on the round flank of the rotors (between locations 3 and 4) has actually been decreased on the revised clearance design -this clearance will not significantly reduce during operation because the gap is maintained due to the nearby contact at the pitch point (location 3), therefore this clearance was deemed to be unnecessarily large. Conversely, on the straight flank (from 4 to Q, and from P to 1) the gap is adversely affected by thermal distortions at location 3 which are transferred over to the straight flank. Therefore, it was necessary to increase the clearances on the straight flank. To quantify how these clearance changes impact the leakage area through the interlobe gap the local clearances where integrated over the length of the 3D sealing line. The total leakage area is 108.5 mm 2 for the original design is and 142.7 mm 2 for the revised design, an increase of 31.5%. The effect of this change on the measured and modelled flow is presented in Table 3 in performance predictions.
Clearance distortion results
The following results show the predicted operational clearance distributions for the original and revised designs in Figures 13 and 14 , respectively. The temperature increase in both the rotors and casing shown in Table 1 would result in little net change in the operational clearances, this case has been presented with the longer dashed lines on each figure, the trend is not far off the original clearance. A second case has also been presented where the rotors do not move apart due to casing thermal expansion. This case is likely in the event that sudden temperature changes cause the rotors to heat up faster than the casing or alternatively the outlet end bearings might be situated remotely from the rotor outlet plane in a location where the casing temperature is much lower than estimated in Table 1 . The distance between the two dashed curves for the different operational scenarios results in a large band of uncertainty but it does serve to highlight (1) where rotor contact is most likely to occur for a given clearance design, and (2) where clearances can be further reduced without compromising reliability. This analysis supports the suitability of the revised clearance in the root of the main rotor which shows contact cannot now occur there due to thermal distortion alone. The chance of contact at the tip of the main rotor has been significantly improved; however, the analysis suggests contact is still possible under extreme circumstances.
Performance predictions
The models were also run at the nominal air test duty, which is closest to the designed operating conditions: with a speed of 1400 r/min, a pressure ratio of 5 and a discharge temperature maintained at approximately 90 C. The modelled deviation in the volume flow due to the revised design is compared with the deviation measured on test in Table 3 . The difference between the model result and the test result was higher than expected suggesting that the model might be slightly underestimating the effect of leakages through the interlobe gap. One possible reason for this is that rotor displacement due bending and movement within the journal bearings is not considered; this would increase the relative contribution of the interlobe path to the total leakage; hence performance would be sensitised to changes in this leakage area. Unfortunately, as the test results were obtained using two different compressors the effect of other manufacturing and assembly tolerances cannot be ruled out for the test results. Importantly, the resulting change in flow on test was small enough that the compressor was still within normal operating tolerances in both cases. With the reduced flow there was a similar reduction in shaft power so there was very little change in the overall efficiency. It is to be expected there would be some detrimental effect on performance at the nominal operating condition by increasing the rotor clearances to allow the compressor to operate at higher, non-standard, operating temperatures. This same design approach could be applied to investigate how far clearances could potentially be reduced for performance optimisation over a narrow operating band.
Conclusions
A procedure has been presented to map thermodynamic results from a lumped parameter chamber model onto rotor surfaces. The rotor boundary map used in this procedure provides a unique way of visualising and comparing the key geometrical properties of different profiles. Fluid boundary conditions calculated with the aid of the rotor boundary map can be used for further analysis of compressor components. For example, to provide initial boundary conditions for more specialised finite element analysis or computational fluid dynamics.
Surface boundary conditions were used to estimate the temperature distribution of the compressor rotors and casing that result in the largest feasible peak temperatures during normal operation. Local variations in clearances, due to thermal distortions, have been approximated analytically. This provides valuable data about where and when in the compression process clearances are inadequate for a given compression application. Integrating this information into the rotor design process allows a more optimised balance between reliability and compressor performance.
Two interlobe clearance designs have been analysed to evaluate how suitable they are for operation at an elevated rotor discharge temperature of 120 C in an oil-injected compressor with direct rotor drive. While there is a fairly large uncertainty on the predicted clearance deviations the results do confirm that the revised clearances should prevent rotor-to-rotor contact at the root of the male rotor. This is where contact was initially present on test, and later shown to be alleviated due to the revised clearance design. This provides validation that the thermal effects estimated in this paper are suitable for clearance design. These results can be readily applied to the wellunderstood clearance design procedure whereby 'the clearance distribution should be calculated with full allowance for the effects of thermal distortion' so that during operation a minimum gap is maintained everywhere apart from the pitch circle regions for the limits of the rotor backlash. 1 Performance test results suggest that the increase in interlobe clearance has resulted in a 1.7% drop in flow; however, the overall flow was still within normal test tolerances. The change in flow predicted by the model was different from that measured on test.
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